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Abstract

Due to the packaging constraints to which turbocharged engines are submitted in passenger cars, the inlet duct of the centrifugal com-
pressor often requires a 90� bend. The compressor inlet perpendicular to its axis disturbs the flow and reduces the compressor perfor-
mance. This paper presents an interesting solution based on a specifically designed inlet swirl-generator device (SGD) that palliates these
negative effects. In addition, the SGD can be used to extend the surge margin of the compressor if the position of the SGD blades is
modified in function of the reciprocating engine operation conditions. The paper describes how the swirl level and the pressure losses
generated by the device have been characterized in a continuous flow test rig. After this the SGD plus a centrifugal compressor from
a turbocharger unit have been tested in a specific turbocharger test bench. The results obtained show the influence of the SGD blades
position on the compressor performance. In order to better understand the influence of the SGD on the turbocharger behaviour, the flow
velocity triangles near the inducer have been reconstructed using an approach based on CFD calculations.
� 2006 Elsevier Inc. All rights reserved.
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1. Introduction

Turbocharging Diesel engines is one of the most effective
techniques for increasing their performance while reducing
pollutants and CO2 emissions (or fuel consumption). The
advantages of turbocharging are not only limited to main-
taining acceptable air to fuel ratios with high fuel injected
levels. Furthermore, it allows increasing the air density
inside the cylinders, which is an efficient technique to accel-
erate the atomization and mixture of the injected fuel as
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stated by Binder and Schwarz (2004). In addition, since
the density of the trapped air is increased, the fuel jets pen-
etrate less inside the cylinders, and this is especially impor-
tant for improving the HC and soot emissions in HSDI
Diesel engines, particularly in consideration of the actual
downsizing trends and the consequent risks of fuel jet
impingement on the walls of the cylinder (Araneo et al.,
1999). The improvements on fuel mixture and atomisation
due to the higher in-cylinder density allow the reduction of
air to fuel ratios tolerated by Diesel engines, which bring
about an improvement of the engine performance much
more important than the increase obtained with the engine
air load density.

However, turbocharging has some limitations such as
the turbocharger lag, mainly caused by the necessity to
overcome the mechanical inertia of the turbochargers,
and which is responsible for the delay in air density
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Nomenclature

Ad geometrical transversal section of a duct
C absolute inlet velocity
cD discharge coefficient
D diameter
g angle of attack
i incidence angle
Icyl moment of inertia
K pressure loss coefficient
M torque
_m mass flow rate
p pressure
R perfect gas constant
T temperature
U rotor tangential velocity
W absolute relative velocity
Wc compressor work
a angle of inlet absolute velocity
b angle of SGD vane aperture
/ approach angle
c ratio of heat capacities, 1.4
k angle of swirl
pc compression ratio
q density
xair angular air velocity

Subscripts

0 stagnation conditions
1 compressor inlet
2 compressor outlet
a axial
e exit
ed exit duct
i inlet
id inlet duct
r real
s isentropic
sw swirl meter
t theoretical
u tangential

Acronyms

CFD computational fluid dynamics
HSDI high speed direct injection
IGV inlet guide vanes
SGD swirl generator device
VGT variable geometry turbine
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increase against sudden load demands of the engine
(Watson and Janota, 1982). Another drawback is due to
the intrinsic limits of a given compressor map: surge and
choke. The surge can limit the pressure ratio capability
when the engine is working at low speed and high load
(low end torque). It is then necessary to improve the behav-
iour of the compressors for small flow rates in order to
extend the torque range. At rated power the compressor
choke limitations can cause over-speed of the turbo-
charger, especially when the engine is operating in altitude
with reduced atmospheric pressure. Hence, a correct
matching between the turbocharger and the Diesel engine
is essential to achieve maximum performance with turbo-
charging (Tange et al., 2003; Chen and Connor, 2002;
Theotokatos and Kyrtatos, 1997).

The bibliography lists different ways of extending the
range of operation and of improving compressor perfor-
mance. In some studies aimed at moving the surge line
the geometry of the diffuser is varied and its interaction
with the volute analysed (Gu et al., 2001; Ludtke, 1983).
In small centrifugal compressors different devices are used
for axial pipe inlets, like for instance a bleed system that
provides a secondary inlet around the primary one (Hun-
zinker et al., 2001). Other systems described by Meherwan
Boyce (2002), Coppinger and Swain (2000) and Whitfield
et al. (1975) include the inlet guides vanes (IGV) which
develop a positive pre-rotation in the flow that enters in
the inducer or even the jets to simulate inlet pre-whirl, as
proposed by Kyrtatos and Watson (1980), along with inlet
blockage.

Another drawback for the integration of the turbo-
charger in passenger cars is due to the strict packaging
requirements for the engine and its accessories, which often
force to place the compressor inlet at 90� with respect to its
axis. As a consequence, the flow cannot enter in the com-
pressor inducer in optimal conditions (Kim et al., 2001;
Ariga et al., 1983). This is illustrated in Fig. 1 where the
space available for the inlet piping to the compressor, in
the real case used for this work, is indicated.

A 90� inlet configuration placed near the inducer impel-
lers generates a non-uniform entry flow (Schulte et al.,
2004). Talib et al. (1992) studied the effect of flow rate
instabilities on loss mechanisms in a backswept centrifugal
impeller and obtained similar conclusions. Fink et al.
(1992), Hansen et al. (1981), Ariga et al. (1987) and Elder
and Gill (1985) separate the non-uniform flow into two
cases, radial and circumferential and they state that these
discontinuities can be the cause of undesirable instabilities
in the operation of the compressor. From previous studies
it seems clear that in order to maintain the performance in
the centrifugal compressor and dispose of an ample margin
for the compressor operation, especially near the surge line,
it is necessary to have a uniform flow at the compressor
inducer. For this reason a solution is proposed in this paper
to smoothen the distortions by fitting a swirl generation
device (SGD) in the reduced space allocated in the vehicle.



Fig. 1. Turbocharger with the boundary representing the packaging
requirements.
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The SGD replaces the 90� bend that would normally link
the engine intake line to the compressor and has to fit in
the space left between the housing and the compressor
entry (Fig. 1). It is expected that the SGD improves the
flow uniformity and in addition it could be used to extend
the compressor stable operative range.

Though the SGD seems similar to an IGV device, the
way in which the SGD modifies the flow field at the com-
pressor inlet is very different. Therefore, the way in which
both devices affect the compressor performance is essen-
tially not the same. Indeed, the main objective of this paper
is to explain the measured variations in the operative map
and efficiency of a centrifugal compressor when there is a
SGD mechanism upstream.

The following methodology has been used for this work:
Firstly, the SGD has been designed with the help of a CFD
code and manufactured accordingly. Secondly, the SGD
has been characterised in a continuous flow test rig in order
to measure its ability to generate swirl as a function of sev-
eral operative parameters like the air mass flow or the posi-
tion of the SGD blades. Then, the SGD has been installed
at the compressor inlet of a turbocharger, in the turbo-
chargers test bench described by Luján et al. (2002) and
the compressor performance maps have been measured
with different SGD vane apertures, i.e. at different swirl
angle values. A measurement of the compressor map has
also been performed with an axial inlet configuration (i.e.
with no additional element upstream of the compressor)
to serve as a reference for the analysis of the SGD influ-
ence. The modifications in the surge line obtained with
the SGD have been explained through the analysis of the
velocity triangles at the compressor inlet. These have been
reconstructed using the information about the airflow field
at the SGD outlet obtained from CFD calculations. The
CFD calculations have been compared with the measure-
ments from the SGD characterization in the continuous
flow test rig in order to assess the realism of the CFD pre-
dictions. Finally the conclusions about the behaviour of the
SGD and the optimal operation conditions, to match the
turbocharger with the Diesel engine, are exposed.

2. Design and manufacturing of the SGD

In order to design the SGD different CFD studies, which
have been described in detail by Schulte et al. (2004), have
been performed. It was designed to fit between the intake
line and the compressor inlet, oriented at 90� from the
intake due to packaging constraints. In general, the follow-
ing geometric conditions have to be imposed to define the
outer geometry:

• The overall diameter of the SGD should not exceed the
compressor housing diameter.

• The SGD outlet diameter is defined by the compressor
inlet diameter (39.2 mm in the studied case).

• The maximum SGD thickness will be generally limited
by the packaging constraints (35 mm in the studied case,
Fig. 1) and the rectangular inlet flow area of the SGD
has to be equal to the compressor inlet section. There-
fore, the length and height of the rectangle that forms
the inlet flow area have to be chosen according to previ-
ous limitations.

The final adopted geometry is shown in Fig. 2a, and has
the following main characteristics: The rectangular inlet
flow area (16 · 75 mm2) was defined to be same as the
SGD outlet area, with its width imposed by the limited
space available. An outer radius of curvature of 1.5 mm
was imposed to smoothen the brusque change in direction.
The distance between the SGD outlet and the compressor
inducer inlet is 45 mm. The volute type inlet was chosen
as the best option to minimise pressure losses (Pan et al.,
1999; Qi et al., 1996). A configuration with 10 blades, each
of length 16 mm, was designed based on previous studies of
Schulte et al. (2004) aimed at finding the solution with the
lowest pressure drop and the maximum swirl level.

The SGD has been manufactured in a hard plastic mate-
rial and is formed by a case containing the blades and a lid.
The 10 blades of the SGD are placed in holes especially
prepared in the lid and the case and fastened to the case
with soldered screw shafts. Fig. 2b shows an open view
of the SGD as well as a side view of the assembly between
the compressor inlet and the SGD. The SGD blades angle
(b in Fig. 2a) had to be changed and fixed individually and
manually. It was possible to impose the direction of rota-
tion by forcing the outlet flow through either the case (posi-
tive rotor compressor direction) or the lid (negative),
covering one of the exits. Hence the SGD can provide posi-
tive or negative swirl.

3. Characterisation of the SGD in a continuous flow test rig

To characterise the SGD a continuous flow test rig is
used. This experimental facility has been designed and



Fig. 2. (a) Geometry of the swirl generator with aperture angle b (dimensions in mm). (b) Two different views of the SGD.

J. Galindo et al. / Int. J. Heat and Fluid Flow 28 (2007) 374–387 377
used, following the guidance of Arcoumanis and Whitelaw
(1987), to determine the swirl and the permeability of cyl-
inder heads of internal combustion engines working with
steady and unsteady flows (Desantes et al., 1995). The flow
test rig is therefore considered the ideal facility to deter-
mine, not only the angle of swirl (k) for different values
of the SGD vanes aperture, but also to calculate the pres-
sure loss through the SGD.

The methodology to obtain the pressure loss caused by
the SGD was developed in the works of Arcoumanis and
Whitelaw (1987) and Desantes et al. (1995) in order to
determine engine cylinder head permeability and was
adapted here to the SGD. It is based on two experiments.
The first one consists in measuring the pressure drop and
mass flow rate through a line formed only by the SGD inlet
and outlet ducts and the swirl meter but without the SGD.
Its purpose is to determine the pressure loss coefficient of
the flow between the inlet and the complete line normally
connected to the SGD. The result is the global pressure loss
coefficient KA in Eq. (1). In the second experiment the SGD
is mounted and the pressure loss coefficient of the whole
set-up is determined, the result is KB in Eq. (2). The config-
uration with the SGD is shown in Fig. 3a. The difference
between both coefficients yields the loss coefficient of the
SGD, KSGD in Eq. (3), and finally the pressure loss of the
SGD (DpSGD) is calculated from Eq. (4).

KA ¼ K i þ K id þ Ksw þ Ked þ Ke ð1Þ
KB ¼ K i þ K id þ Ksw þ KSGD þ Ked þ Ke ð2Þ
KSGD ¼ KB � KA ð3Þ

DpSGD ¼
1

2
KSGD

1

qatm

_mr

Ad

� �2

ð4Þ
This procedure is repeated for different vane apertures
to obtain the pressure loss of the SGD in function of the
angle b. These equations are limited to the incompressible
flow, i.e. for Mach numbers of less than 0.3. In the contin-
uous flow test rig the mass flow rate has been varied from
0 kg/s to the maximum value possible at each vane aper-
ture. In Fig. 3b the variation of DpSGD shows that the pres-
sure drop is more significant and steeper for large values of
the angle b and it increases with the mass flow rate. As may
be also observed, the higher permeability does not corre-
spond to 0� of SGD vane angle but to 15�, and this is
due to the non-symmetric design of the SGD. In fact, the
optimum permeability is actually expected for a b value
between 0� and 30�.

Following the analysis of the experimental results
obtained in the flow test rig, it is possible to calculate a dis-
charge coefficient (cD) of the SGD defined in Eq. (5), as the
ratio between the measured mass flow rate through the
SGD and the theoretical mass flow rate that could pass
through the geometrical section of the SGD outlet in an
isentropic expansion, defined with Eq. (6).
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The values of this coefficient are represented in Fig. 3c
for different vane apertures and versus the measured air
mass flow rate. It can be observed that as the aperture of
the SGD decreases, i.e. for higher b values, the cD value
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Fig. 3. Flow test rig characterisation of SGD: experimental set-up, results of measurements for various vane apertures and comparison with CFD
calculations.
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decreases, due to the reduction of the effective area used by
the flow. For b values of 0�, 15� and 30� and at the lowest
air mass flow rates (below 0.025 kg/s) the pressure drop in
the SGD is very low (Fig. 3b) and therefore the uncertain-
ties in the calculation of cD with Eqs. (5) and (6) are very
high, as can also be observed in Fig. 3c.

Finally, the tests in the continuous flow test rig served
to determine the level of swirl generated. The angle of
swirl is not equal to angle b. An impulse swirl meter
was used (Fig. 3a) to determine the angle of flow rotation.
It consists of a honeycomb matrix that is suspended by a
frame over the settling tank and normal to its axis. The
angular momentum of the descending air is totally
destroyed by the matrix so that the resulting torque on
it is numerically equal to the angular momentum flux.
Torques of up to 0.1 N m, of either positive or negative
polarity can be measured. Using the hypothesis that
assimilates the flow in the duct to a cylindrical rigid solid
spinning around its axle, the expression of the torque is
obtained, Eq. (7), and the angular velocity of the cylinder
can be calculated by Eq. (8):
M ¼ Icyl � xair

_mr � D2

8
� xair ð7Þ

xair ¼
8 �M
_mr � D2

ð8Þ

The tangential velocity in the periphery of the cylinder is
then calculated by the equation:

C1u ¼ xair

D
2
¼ 4 �M

_mr � D
ð9Þ

The axial velocity Ca is calculated from the equation of
continuity but considering that the effective section at the
SGD outlet is reduced by taking into account the cD coef-
ficient, Eq. (10).

C1a ¼
4 � _mr

p � q � D2 � cD

ð10Þ

The angle of rotation of the flow (k) is then defined as the
ratio of C1u and C1a:

k ¼ arctan
C1u

C1a

¼ arctan
p � q �M � D � cD

_m2
r

ð11Þ
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The different levels of swirl obtained for various posi-
tions of the SGD vanes (Fig. 3d) show that for values of
the mass flow rate greater than 0.025 kg/s the angle
remains approximately constant with the mass flow rate,
although for values lower than 0.025 kg/s, or near this
point, the angle of swirl suffers a very large dispersion.
The reason is that for such a low air mass flow the friction
forces are comparatively high with respect to the angular
momentum of the flow and the torque meter measurements
cease to be accurate. As a consequence, with very low val-
ues of torque and mass flow any error is amplified in the
calculation of Eq. (11).

4. Description of the experimental study in the turbocharger
test bench

A turbocharger test bench prepared to measure com-
pressor and turbine maps has been used to characterise
the SGD coupled to a centrifugal compressor. A detailed
description of this installation can be found in the works
of Galindo et al. (2006) and Luján et al. (2002). The
SGD is placed upstream of the centrifugal compressor as
represented in Fig. 2b. The air mass flow and the thermo-
dynamic variables are measured upstream of the SGD
and downstream of the compressor. The testing procedures
satisfy SAE Supercharger Testing Standards (1995) and
Turbocharger Gas Stand Test Code (1995) and have been
also described by Galindo et al. (2006) and Luján et al.
(2002). The methodology used in all tests remained the
same, i.e. the SGD was placed upstream of the inducer with
the specified length requirements and the blades of the
SGD were manually fitted and tightened with nuts in the
desired position (Fig. 2b). Using the characterization of
the SGD in the flow test rig, it is possible to calculate the
value of k (Eq. (11)), as a function of the b angle and the
air mass flow through it (Fig. 3d). The operative variables
measured and the corresponding transducers ranges were

• Compressor air mass flow rate: Hot-film anemometer,
ranges: 0–0.2 kg/s.

• Upstream and downstream pressure: Average value of
two piezo-resistive transducers, absolute pressure range:
0–5 bar.

• Upstream and downstream temperature: Average value
of 2–4 thermo-resistances at different immersions, range:
20–1300 �C.

Measurements were performed with three different SGD
vane apertures (15�, 30� and 60�) and the axial inlet line
was considered as the base line configuration. The maps
of the compressor plus the SGD with two different SGD
vane apertures are represented in Fig. 4a–d where Fig. 4a
is a zoom from Fig. 4b. The pressure ratio of these figures
is defined as the ratio between the pressures measured
downstream of the compressor and upstream of the SGD
respectively. The variables of the maps were corrected with
the data measured upstream of the SGD entry. In these
maps three constant speed lines (100, 140 and 180 krpm)
have been plotted as well as the line that limits the surge
area from stable operation. The surge limit line has been
defined following the criteria exposed by Galindo et al.
(2006). The iso-velocity curves for a given vane aperture,
with positive and negative pre-rotation, have been com-
pared with the reference axial flow configuration. Accord-
ing to the maps shown in Fig. 4, the configurations with
negative and positive vanes angle yield very similar com-
pression ratios at the lowest air mass flow rates of each
speed. This can be explained by Fig. 3d, which shows that
the k value is undefined below 0.025 kg/s due to the very
low momentum of the flow, so that in this area of the
map the expected swirl has no significant influence in
the compressor performance. However, when increasing
the air mass flow the negative configuration allows for
higher compression ratios than the positive one. In any
case the highest compression ratio is always obtained for
the axial flow configuration. This is due to the important
pressure loss caused by the SGD (Fig. 3b), which is
included in the measured maps.

With respect to the variations in the surge margin, it can
be concluded from the results of Fig. 4 that the lower b val-
ues did not result in any significant improvement of the
surge line. This is expected since the k value is very low
and the swirl level undefined in the case of air mass flow
rates under 0.025 kg/s (Fig. 3d). For �60� of vanes angle
the swirl generated improves the surge line characteristics
for compression ratios equal or higher than 1.8. Fig. 4a
and b show that the negative pre-whirl setting has more
potential than the positive pre-whirl setting. In this case
the minimum air mass flow rate for which the compressor
is stable has been reduced by about 25% with the negative
pre-whirl. Another more interesting way to look at the
improvement obtained is that for about 0.026 kg/s of mass
flow rate the maximum stable compression ratio has been
increased by about 0.45 bar (from 1.88 to 2.33), which rep-
resents about 25% of boost pressure increment in this area
of the map for a given reciprocating internal combustion
engine.

From Fig. 4e–h the total to total isentropic efficiency for
different negative and positive pre-whirls at 140 krpm and
180 krpm, respectively are depicted. The curves show that
the pressure losses caused by the area reduction in the
SGD have a negative influence on the compressor effi-
ciency. As a result, the highest efficiency normally corre-
sponds to the axial inlet flow configuration, except in the
case with +60� of SGD vanes angle and the lower range
of mass flow rates, as will be explained in the next section.

5. Analysis and discussion of the experimental results

If the SGD pressure drop measured in the continuous
flow test rig (Fig. 3b) is subtracted from the values of the
pressure measured upstream of the SGD, in the turbo-
charger test bench, it is possible to obtain the absolute pres-
sure just upstream of the compressor inducer. Thus the
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compression ratio can be calculated without the effect of
the pressure losses in the SGD. For better understanding
in Fig. 5a there is a diagram that shows how the thermody-
namic process from point 1 to point 2 changes when the
pressure loss value is eliminated. The thermodynamic pro-
cess from 1 0 to 2 is closer to the isentropic evolution,
because the calculated point 1 0 has lower pressure than
the measured point 1, but point 2 does not change.
In addition, in Fig. 5 the compressor maps using the
reconstructed pressure upstream of the compressor inducer
are shown. When comparing these with Fig. 4, the effect of
the SGD pressure losses on the compression ratio and effi-
ciency can be observed.

The maps of Fig. 5 should be coherent with the swirl
influence on the velocity vectors at the compressor inducer.
Indeed, Fig. 6 shows how the vectors of the velocity trian-
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Fig. 5. Compressor maps and isentropic efficiency reconstructed by subtracting the influence of the pressure losses in the SGD.
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gles change at the compressor inducer when pre-whirl is
imposed, assuming that the air mass flow and the compres-
sor rotating speed are constant in the two cases repre-
sented. The increment of the relative velocity (W1) with
negative swirl is significant with respect to the positive case.
If the compressor effective work is defined by the Euler
equation (12), and constant speed and constant air mass
flow conditions are considered, then: U2, U1 and C2a are
constant. In addition, in conventional analysis the outlet
angle of the flow is considered as a geometric characteristic
of the exducer blade shape, though this is not rigorously
true because the outflow angle should also depend on the
flow physics inside the impeller. Hence, the triangle of
velocities at the compressor outlet is held constant indepen-
dently of the inlet swirl flow. As a consequence, the only
term that is modified in Eq. (12) is C1u.

W c ¼ U 2 � C2u � U 1 � C1u ð12Þ
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Fig. 6. Velocity triangles with negative and positive SGD vanes angle at
the inlet of the compressor inducer.
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Developing this equation yields Eq. (13):

W c ¼ U 2 � C2 � cos a2 � U 1 � C1 � cos a1 ð13Þ
Since this equation depends on the sign of cosa1, it can

be deduced that the effective work with positive pre-rota-
tion is smaller than in the axial flow case, which in turn
is smaller than with negative pre-rotation, as expressed in
relation (14). Thus, for a given temperature at the compres-
sor inlet and a given compression ratio the isentropic effi-
ciency should be higher with positive pre-rotation than
with the other two configurations.

W cðpositive swirlÞ < W cðaxialÞ < W cðnegative swirlÞ
ð14Þ

In terms of compression ratio (pc) follows inequality
(15). Indeed, with the positive pre-whirl the relative veloc-
ity reduction is smaller (Fig. 6), which implies that the
increment of flow pressure is also smaller. In other words,
inequality (14) shows that a positive pre-whirl results in a
reduction of the work input to the gas, so that the compres-
sor pressure ratio is smaller for a given efficiency and tem-
perature at the compressor inlet.

pcðpositive swirlÞ < pcðaxialÞ < pcðnegative swirlÞ ð15Þ
The maps calculated with the reconstructed pressure

upstream of the compressor inducer and shown in Fig. 5
should confirm relations (14) and (15). However, though
it is verified in the cases of �15�, ±30� and +60� of b angle,
it is less clear for +15� and �60�. In general, the ±15� cases
show very similar pressure ratios and both are quite similar
to that of the axial configuration (Fig. 5d), which can be
explained by the low swirl level generated. Nevertheless,
at 180 krpm and high mass flow rate an increment of the
compression ratio can be observed not only with the
�15� but also with +15� configuration; due to the incre-
ment in the compressor efficiency with respect to the axial
case (Fig. 5h). Finally, for the �60� SGD vane aperture the
compression ratio obtained is equal or smaller than that of
the axial configuration, which is in contradiction to what is
predicted by inequality (15). The reason lies again in the
lower compressor efficiency with respect to the axial case
(Fig. 5e and g). Nevertheless, this configuration yields the
best performance for 180 krpm speed with respect to the
surge limit line (Fig. 5b), indeed at these low mass flow
rates the efficiency measured with �60� and axial configu-
rations are not so different (Fig. 5g).

With respect to the isentropic efficiency, the values
shown in Fig. 5f and h for +15� and +30� of b angles
are roughly at the same level as those for the axial config-
uration. However, for the +60� position and the lower air
mass flow rates there is a significant increase in isentropic
efficiency. This is the reason why the same compression
ratio is obtained at the lower air mass flow rates with
+60� and axial configuration (Fig. 5b) in spite of the lower
work input predicted by inequality (14).

In the case of negative pre-whirl the isentropic efficiency
decreases as b angle increases. In the cases with a compres-
sion ratio very similar or even lower than the axial config-
uration, the higher work input predicted by relation (14)
explains the lower efficiency obtained.

6. Use of CFD for interpreting the observed measured
behaviour

The influence of the different b angle values on the surge
line and on overall compressor performance has been ver-
ified on the turbocharger test bench. However, the infor-
mation gathered from CFD calculations brings about a
better understanding of the SGD influence in the flow field
at the compressor inlet.

The software used for the calculations was Fluent 6.0,
with the segregated implicit solver and the standard k–e
turbulence model. Following assumptions were made: First
the flow was calculated in steady state conditions to com-
pare with the experimental characterisation performed in
the test rig. Secondly the airflow was considered incom-
pressible, based on the low pressure differences between
inlet and outlet (about 1500 Pa) imposed by the inflow/out-
flow pressure boundary conditions; therefore density is
constant throughout the domain. Previous verification cal-
culations have shown that this simplification leads to less
than 3% error and does not affect the general conclusions
of the study performed here.

An unstructured mesh was needed to represent the com-
plex geometry, with finer cells around the blades. Follow-
ing a mesh independence study the number of cells was
set at 80,000. The mesh front view of the SGD, as well as
the entry section to the compressor inducer are shown in
Fig. 7. The steady state calculations were considered con-
verged when the residuals were of order 10�4, and the mass
flow rate as well as the velocity profile at the duct exit were
stabilised.

For the CFD calculations the total length of the outlet
duct was defined as 176 mm so as to avoid any influence
of the boundary conditions on the solution at the compres-
sor entrance section. This is approximately the double of
the real length (80 mm) formed by the SGD outlet duct
plus the inlet channel to the compressor inducer and
marked in Fig. 7.

6.1. Analysis of the CFD results and comparison with the

experimental characterization

CFD calculations have been performed for operation
conditions close to the surge line of the compressor map,



Fig. 7. Geometry and position of the compressor inducer and mesh of the
swirl generator with SGD vanes angle (b). Dimensions in mm.
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i.e. for a pressure drop of 1500 Pa and a mass flow rate of
about 0.03 kg/s, and compared with the experimental
results from the continuous flow test rig. The comparison
is represented in Fig. 8. The pressure loss coefficient (KSGD)
is relatively low and constant up to 30� of b angle, but it
increases rapidly as the vanes close, doubling practically
from 30� to 60� (Fig. 8a). This is the effect of the area reduc-
tion that results from closing the vanes: between 0� and 30�,
the vane channel area does not change much, whereas it is
considerably reduced for higher b values. When comparing
with the experimental results, it is important to remember
that in Eqs. (1) and (2) the pressure loss coefficient of the
swirl meter Ksw is assumed to be the same, though the flow
is purely axial in one case and swirling in the other. In fact
the losses in the swirl meter depend on the inlet flow condi-
tions and hence on the swirl. Since it is impossible to quan-
tify this effect, it means that the pressure loss calculated with
Eq. (4) is lightly overestimated. In addition, the total pres-
sure loss measured in the flow test rig includes that of the
coupling element between the cylindrical duct of the stan-
dard installation and the rectangular SGD entry. This cou-
pling element, which was not modelled in the CFD
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Fig. 8. Comparison of the SGD characterization with the C
calculation, is quite probably the main source of the higher
pressure loss observed in the experimental results.

Fig. 8b shows that the swirl increases rapidly, from neg-
ative values of around �10� in the radial position of the
vanes to values of around 30� at b angle of 45�, and then
more asymptotically as the vanes close, to reach about
35� of swirl at 60� b angle. It is worth mentioning that in
both the experimental and modelling results the non-swirl-
ing flow is obtained for an incidence angle of the vanes of
around 10–15�, and that the swirl becomes negative for
lower b values. The curve representing the experimental
measurements performed on the steady flow test rig con-
firms the tendency observed in the numerical simulations
and in general, good agreement was found between the
experimental measurements and the CFD results. The dif-
ferences observed can be explained by the reduced accuracy
of the torque meter at low swirl levels and the possible
small deviations of the manual vane angle setting.

The characteristic flow pattern in the SGD and down-
stream at the compressor inlet is shown in terms of velocity
fields in Fig. 9a–d for four vane positions and a pressure
drop of 1500 Pa; the light areas represent maximum veloc-
ities of about 33 m/s and the dark areas minimum velocities
of stagnating or re-circulating flow. At the top-left and bot-
tom right of each figure, cross-section views of the flow dis-
tribution corresponding respectively to the inducer inlet
section and to the SGD inlet section can be seen. Fig. 9c
and d show that the flow downstream of the SGD has a
perfect radial distribution due to the high level of swirl gen-
erated in the device. Hence, the effective flow passage area
is annular and most of the flow is concentrated in the
periphery of the duct. This means that the closing of the
SGD vanes has the effect of reducing the effective flow pas-
sage section at the compressor inducer inlet, as has also
been confirmed with the experimental results from the flow
test rig (Fig. 3c). This annular flow distribution is less evi-
dent in the SGD cases of 15� and 30� vane aperture. Nev-
ertheless, it is possible to identify this effective area by
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Fig. 9. Velocity field (m/s) for a pressure drop of 1500 Pa at 15� (a), 30� (b), 45� (c) and 60� (d) of b angle. (e) Effective flow passing areas for each value of
vane aperture.
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defining the flow passage section from the inducer shroud
(maximum radius) to a given minimum radius determined
by the coefficient of effective flow passing section (cD),
defined in Eqs. (5) and (6). The calculated effective sections
are represented in Fig. 9e, which shows the minimum
radius for each vane aperture.

6.2. Reconstruction of the velocity triangle at the compressor

inducer

In order to better explain the modifications of the line
that limits the surge region with negative and positive
pre-rotation, the velocity triangles at the inducer inlet have
been reconstructed. The air flow pattern predicted by the
CFD study at the SGD outlet has been used to obtain
the variables necessary for drawing the velocity triangles
at the inducer inlet. According to the CFD solutions, the
air mass flow distribution is different at the impeller entry
section for each position of the SGD vanes and the flow
passing in the impeller is concentrated at the periphery of
the inlet section (Fig. 9e).

Since the effective section at the impeller is thus known,
the average axial component of the speed (C1a) can be
determined using continuity. (C1a) is taken as the circum-
ferentially averaged axial component of the velocity in
the middle point between the impeller shroud and the rmin

of each vane aperture (Fig. 9e). The swirl angle can be cal-
culated at the same middle point (kmiddle) assuming a linear
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variation of the swirl, from k at the impeller shroud,
defined by Eq. (11), to 0 at rmin, where it has been assumed
that the tangential component of the velocity (C1u in Fig. 6)
is zero. The tangential component (C1u) can then be calcu-
lated from C1a and kmiddle using Eq. (11). The linear veloc-
ity of the rotor (U1) together with C1u and C1a define the
vectors of the velocity triangle, as shown in Fig. 6. Hence
W1 can be calculated and the value of the approach angle
(/) is obtained from Eq. (16):

/ ¼ arctg
C1a

U 1 � C1u

� �
ð16Þ

The angle of attack (g) defined in Fig. 6 is also variable
with the radius of the blade inducer from the hub to the
shroud. With the help of a digitalization machine one of
the rotor inducer blades was digitally processed to obtain
its law of variation. Following the definition by Japikse
(1996), the incidence angle (i) is determined by Eq. (17)
applied at the middle radius between the impeller shroud
and the rmin for each SGD vane aperture.

î ¼ ĝ � /̂ ð17Þ
The reconstruction of the incident angle i is supported by

the good agreement shown between the experimental mea-
surement in the flow test rig and the CFD studies
(Fig. 8b). The reconstruction of the velocity triangles has
been performed for ±15�, ±30� and ±60� SGD vane aper-
tures but only for the points that limit surge region. The inci-
dence angle and the relative velocity have been plotted
versus the wheel rotating speed in Fig. 10 and compared with
the corresponding values in the axial inlet configuration.
The negative (Fig. 10a and c) and positive (Fig. 10b and d)
SGD configurations have been separated. The results show
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Fig. 10. Incidence angle (i) and relative velocity (W1) calculated for points
in general that W1 is higher with the negative b configuration
(Fig. 10a) although lower angles of incidence are generally
obtained in the case of positive b angles (Fig. 10d). There-
fore, the effect of the relative velocity is more important
for shifting the surge-limit line. Indeed, the flow can better
overcome the resistive pressure downstream of the compres-
sor when W1 is large, so that the fluid in the impeller becomes
more stable and the stall phenomenon is delayed. The previ-
ous conclusion is especially evident in the case of �60� vane
aperture. It is also worth noting that, although the surge-
limit points have lower air mass flow rates in the �60� case
(Fig. 4a), hence lower C1a, W1 is higher than for the points
with positive b angle (Fig. 10a and b).

Considering that the surge limit points represented in
Figs. 4 and 5 are very similar because the influence of pres-
sure losses is not very significant at these low air mass
flows, and that Fig. 10 only shows these surge limit points,
it is also possible to analyse the changes observed in the
isentropic efficiency with the ±60� vane configurations
for these points (Fig. 4g and h). On the one hand, the
improvement in efficiency observed in Fig. 4h for the
+60� case is caused by the high reduction in the i angle with
respect to the axial configuration (Fig. 10d). On the other
hand, Fig. 10c shows that the i angle is also reduced in
the case of �60� SGD aperture with respect to the axial
configuration. Indeed, though / decreases with the incre-
ment of the negative pre-rotation, the flow is concentrated
in the periphery of the compressor inducer, where g is min-
imum, therefore i is also reduced with respect to the axial
configuration (Eq. (17)). In spite of this, the efficiency is
not improved in the negative case (Fig. 4g). Nevertheless,
the efficiency is quite similar to the axial configuration.
Therefore, the operation of the compressor becomes stable
80 100 120 140 160 180 200

N (krpm) 

N (krpm) 

re
la

ti
ve

 v
el

o
ci

ty
 W

1 
(m

/s
)

in
ci

d
en

ce
 a

n
g

le
 i 

(º)

0

5

10

15

20

blade SGD position +15º 
blade SGD position +30º 
blade SGD position +60º 
axial map

100

150

200

250

300

80 100 120 140 160 180 200

Positive β angle
b

d

of the surge limit line with negative and positive SGD vanes angle (b).



386 J. Galindo et al. / Int. J. Heat and Fluid Flow 28 (2007) 374–387
and the surge-limit point is shifted, especially at 180 krpm
(Fig. 4a).

It is worth highlighting several aspects concerning the
analysis of the results. The first one is that the hypothesis
of radial flow distribution in the periphery of the inducer
is not really fulfilled for low b angles, i.e. at values of
15�, as can be observed in the flow patterns in Fig. 9a
and b. The second one is that the analysis performed is also
less true if the air mass flow rate is lower than 0.025 kg/s.
As mentioned in the previous sections, for mass flow rates
under this value the measurements of the swirl produced by
the SGD are uncertain due to the low momentum of the
flow. The minimum flow occurs at low speed near the surge
limit line. However, in the case of �60� SGD vane aper-
ture, for which the best improvement of the surge line
was obtained, there are no uncertainties due to the
above-mentioned aspects.

Finally, it is also worth noting that although the CFD
calculations do not take into account the effect of the
impeller, the phenomenon that it is being calculated is well
represented with this simple approach. The points shown in
the line that limits the surge region, obtained following the
criteria exposed by Galindo et al. (2006), are still fully sta-
ble points. Therefore, even if there could locally be some
reverse flow it is not dominant and the momentum of the
inlet flow is high enough to overcome the upstream influ-
ence of the rotating impeller in the flow field. The authors
have performed some CFD calculations with a simplified
impeller geometry at the SGD outlet. Two configurations
have been calculated, 30� and 60� of b value, at the opera-
tive conditions given by the stable points that limit the
surge area at 180 krpm. The solution at the impeller inlet
shows that the swirl (k) changes by about 30% with respect
to the values of Fig. 8b. However, since the mass flow near
the surge limit is low, the value of C1a is very small com-
pared to U1, especially at high rotating speed. Hence, the
differences obtained in the calculated incidence angle (i)
with respect to simpler calculations without the impeller
(Fig. 10c) are lower than 2%.

7. Summary and conclusions

From this study it can be concluded that the SGD
improves the surge limits when the flow pre-whirl has the
opposite direction to the compressor rotation. It is worth
noting that while most of the known pre-whirl devices (Nik-
pour, 2004; Pampreen, 1993; Whitfield et al., 1991) are
based on an axial inlet flow and guide vanes (IGV), the
SGD system presented here has a radial inlet and centripetal
vanes. This difference strongly conditions the flow field at
the compressor inlet. The main difference lies in the special
flow distribution, with low velocities at the centre and high
velocities at the periphery of the compressor inducer. On the
one hand, this reduces the effective passage section and
strongly increases the relative velocity of the flow and on
the other hand, it concentrates the flow in a zone of the
inducer where the angle of the blades (g) is minimum.
Therefore, whilst the IGV principle of operation is based
only on using positive swirl to increase the approach angle
(/), thus reducing the incidence angle (i) to delay the stall in
the compressor blades, the SGD concept is based on two
aspects. On the one hand with the negative swirl the relative
velocity (W1) of the flow at the inducer inlet is increased
with respect to the positive swirl. This increment is even
higher than with IGV devices due to the reduction of the
effective section and the consequent increment of the axial
velocity (C1a). On the other hand, the flow incidence angle
(i) is reduced with respect to the axial configuration even
with the negative swirl due to the reduction of g in the
periphery of the compressor inducer, where the flow is con-
centrated by the SGD with the �60� configuration. With
the positive swirl the incidence angle (i) is much more
reduced than with negative and some improvements in
surge margin have also been presented. Nevertheless, the
combination of excellent relative velocities (W1) and inci-
dence angles (i) lower than with axial inlet configuration
makes the negative configuration the optimum. In addition,
the negative pre-whirl produced with the SGD device allows
obtaining higher compression ratios than the positive pre-
whirl, so that the negative configuration of the device is rec-
ommended in spite of its lower isentropic efficiency.

By replacing a 90� elbow by the SGD, there is no severe
deterioration of the compression ratio performance. This is
illustrated by the �15� of SGD vanes position case. Indeed,
it is probable that the optimum position of the vanes lies
somewhere between �15� and 0�. In addition, this study
shows that it is possible to shift the surge limit so as to
obtain a maximum improvement in boost pressure of
about 0.45 bar with an SGD vane aperture of �60� at very
low air mass flow rates for a given reciprocating internal
combustion engine. Indeed, it is possible to combine both
positive characteristics, the low loss in compression ratio
and the increment of the surge margin, by closing the
SGD vanes from �15� to �60� when the internal combus-
tion engine is working in the zone of the compressor map
with low air mass flow rate and high compression ratio,
and opening again the SGD from �60� to �15� when the
engine is working outside this zone. A mechanism that con-
trols the SGD vanes in function of the reciprocating inter-
nal combustion engines operative conditions would
therefore be mandatory in order to use the SGD for
improving the turbocharger performance.

The SGD configuration, with a 90� compressor inlet,
allows solving the packaging problem stated in Section 1
with the only requisite of ensuring that the inlet cross sec-
tion area is equal to the outlet cross section area. Indeed,
the practical feasibility of including the presented design
of SGD within the limited space available for the engine
and its accessories is guaranteed because the width of the
square inlet section can be reduced by increasing its height
in order to adapt the SGD to the available room.

Since this study has been performed with a typical tur-
bocharger, used in passenger car engines from 1.9 to 2.2 l
of displacement, and the concept of the SGD design is
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general enough, the present findings can be extended to
applications ranging from centrifugal compressors used
for turbocharging heavy-duty Diesel engines, of about
12 l displacement, up to actual downsized high speed Die-
sel engines, of about 1.4 l displacement. With respect to
the engine speed/load range: if the initial matching
between the compressor, without the SGD, and the inter-
nal combustion engine is acceptable, the SGD would be
beneficial in whatever speed or load range of the internal
combustion engine. Indeed, solutions have been presented
that allow the SGD to work well in all zones of the com-
pressor map.

In summary, the SGD is a good solution to the problem
of finding a device that allows packaging the compressor
with a 90� inlet. This is not possible with conventional
IGV mechanisms, since these affect the global performance
of the turbocharger at mean and high air mass flow rates.
In addition, by installing a variable actuation mechanism
for the SGD vanes the flow pre-rotation can be used to
control the centrifugal compressor, thus providing the pos-
sibility to increase the surge limit at lower air mass flow
rates and higher compression ratio. Finally, it is interesting
to highlight the feasibility of the proposed mechanism that
should be completely equivalent to those used for moving
the stator blades in the variable geometry centripetal tur-
bines (VGT) from the turbochargers. In the VGT, this
mechanism allows changing the angle of incidence of the
flow leaving the stator through the rotor and is controlled
via a pressurized air circuit generally available on the
engine auxiliary elements. In the SGD the mechanism
would not suffer any thermal stresses and could be made
with cheaper and lighter materials.
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